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Abstract

In externalcylindrical grinding machines, measuring sss areoccasionallymountedon a gantry type

frame. The modes of this structure potentidly harmful within the operatiorrange of the grinding
wheelin a standard machine configuration, since the rotation of the wheel can enter into resonance, thus
avoiding a correct determination of the-lorte measuremenihe resonance problem can be successfully
dealt with the use d variable stiffnessgibrationabsorbemwhich autonomously adapts its stiffness to tune
according to the mode to be damped, increagiaglynamic stiffnesalong the whole operation range of

the wheel

In this work,a variable stiffness selfinablevibration absorbeprototype has ke built anda new tuning
function ha beenderived in order taninimize the responset the frequency coincident withe rotating
speed of the wheeFinally, validation testhave beemperformed in a scale supporting structure and the
vibration reductio improvement comparison with respect to a stanfiaedl tuning strategyhas been
evaluated.

1 Introduction

Growing demands on dimensional requirements in the manufacturing industry makesess control a
fundamental tool for dimensional quality asswenNowadays, machine tool builders are increasingly
implementing inprocess measuring systems integrated in the own structure of the magitin¢he
purpose ofcostefficiently manufacturing products of complex geometries requiring a high degree of
accuacy. The online measuring system allows an accurate determination of the dimensions of the
workpiece discarding the need of a final precision verification in an external measuring machine.
Moreover, & these products usually require long manufactuiimgd, a single machining mistake can
result in a faulty workpiece, which in turn brings along an enormous economicTluss.the online
measurement avoidke erroror permits a fast correction, before it becomes too late.

This integratedmachining & measuring solutiorprovides several benefitsut it is also subject to the
negative collateral effeetoming from the machining process, such as vibration or thermal variations. As
the available space inside the machine to locate the measuring systent strppture is usually very
limited, it often results ira rather flexible structure. Therefore, the sensitivity to vibrations is particularly
compromising.

In grinding processes, typical vibrations from the wheel unbalance can be transmitted throuathihe m
structure to the measuring probe, affecting a proper assessment of the measured dimension. Although
grinding wheels are usually equipped with very effective wheel balance systems, there is always a slight
remaining unbalance that, when the measunéns&ructure isnot stiff enough,could be capable of
misleading the dimensional measure. This is especially critical when the grinding wheel is rotating in
resonance (or close to the resonance) with some of the modes of the measuring system.



On the othehand, it musbe t&ken into account that the wheel rotating speed changes as the wheel wears
out, since the grinding cutting speed must be kept constaild the wheel diametathangs. Therefore,

the wheel rotation speed varies from the rotation spee@sponding to the larger diameter (new wheel)

to the smallest diameter (woeout wheel). Thusthe excited frequency range is broad #mel vibration
becoms critical when the wheel rotating speed crosses a resonance of the measuring system.

Different measuring structure designs have been implemented in grinding machines -lioe on
measurement. The typical arrangement consists of an additional carriage supporting the measuring unit
and moving in parallel to the workpiece axis. The measurement canfoamat either by a lastptical
measuring system or by a touch probe. Due to the classical architecture of external cylindrical grinding
machines, the addition of this measuring structure must be carried out between the workpiece an the door
of the machim, which can be detrimental for the operator to access the workpiece, especially when
loading and unloading the workpiece. It is for this reason thakiernal cylindrical grinding machines,
measuring systems aa#iernativelylocated on a gantry typesime (seéigurel).

-
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Figurel: HG72 grinding machine ith in-process measuring system

In this measuring systemonfiguration, two bendig males and a rotation mode maytypically located
within the working range of the grinding wheel.

2 Vibration mitigation strategies in measuring structures

There are different solutions to tackle vibradiamn the measimg system. The most direct one would

consist of redesigninghe gantrytype structureusing numerical models likd=inite Element Method

(FEM) models. The purposeould beto make it stifferin order toshift the natural frequencies over the
maximum excitatia frequency (highest rotation speed of the whé#yvever, this solution is many times
unfeasible, due to the limited space to add new bracings and reinforcements to théygaritgme . The
LOQWURGXFWLRQ RI PDWHULDOV ZLW ker&thd KtrainReX&pgy oY the RGiEO XV L Q
high can increase the stiffness of the critical mode without any increase in the required volume.
Considering thatteel and cast iron atbe standaranaterials in machine structuresly costly materials

like carbiGH DQG VSHFLDO PHWDO DOOR\V DQG FRPSRVLWHVYLIFDQ RIIl
which makesthe material variton not affordable for this kind of large gantrytype structures
Theoretically, themodifications to increase the stiffnessuld be combined with theeduction of weight

in points with high critical modal displacememtith the purpose of increasitige natural frequenciesf

the systemHowever,the mass concentration #hte critical locations is related to the owrass of the
meaurement devicand therefore it is not easy to achievienportant massreductions.Moreover,the



frequencyrangelimited by the wheel rotating frequency range can be very broad in some cases, which
makes the FEM based design to move modes out of tlje etiremely complex.

The introductionof flexible supports in the base of the gantry structure to isolate the vibrations coming
from the machine can balso regardedas a possible solution. However, the grinding wheel rotation
frequencies can hbelatively low, whichrequires the introduction of verffexible suppors for an effective
passive isolationThe presence omoving masses and gravity centefgshe measuring system out of the
gantrytypeframemakes the applicatioof these compliant isola®m the base of the gantnpt suitable

For this reason, solutions seeking to add damping to the systkroing the impact of the resonarare

more suitable to solve this problerctive damping is usually an effective solution for any kind of
broadbad vibration probleniike selfexited vibrationd2,3]. However, active damping strategy requires

the integration of sensors, actuators and a control system, which usually makes the solution too costly
[4,5]. Thus, passive dampingtechniques, which are udlyamore affordable, are selected as more
efficient solutions for this particular problem.

The introduction oBpecial materials, coatings and foamwith high internal damping has been proposed
by several author§s,7]. These materials should be placedhs locations where the modes have the
higheststrain energy. However, the main source of damping is at théaicee and joints of the system,
wheredamping isaroundone order higher than the structural damping of metallic f{rt3 his damping
difference can be even highir the case of low frequency mode&some authordried to increase the
dampingat jointsby creating highly damped interfacg310].

The introduction opassive auxiliary systesnsuch asTuned Mass Dampers (TMD [11], friction [12]
andimpact [13] dampers is another alternative to increase the damping by meadsfefent physical
mechanismsTuned mass dampetsgave been used for vibration control in many civil and industrial
applications such as building$4], wind turbires[15] and machine tool§ll], among many otherg\
TMD is an inertial mass added to the system to damp lireear spring and dashpotTheseelementsare
tuned to damp the critical mode of the original system. By matching the natural frequency ghtie hi
damped TMD with the critical frequency of the systdmth modes can be coupled to increase the
damping. Consequently, the original mode is split into two modes higter dynamic stiffnessThe
TMDs have to be tuned accurately to the targeted frexyy@nd their positive effect is limited to ertain
frequency rangelp, 17]. Therefore, this systewould only dammne mode of the ganttype structure of

the measurement device inside the grinding whetgltion rangeln this aspecthe impact andriction
dampers have the advage to damp mordnan one mode, but they are usually applied in high frequency
applicatiors ard are difficult to design ancbntrol.

Some authors have tried to overcome the limitations of the TMbnplementingtunable TMDs. For

instance Slavicek and Bollingerl9] proposeda dampefor which the natural frequency and the damping

of the system can be variéd processThese emiactive dampers require some energy to be tuned but
after that the system behaves like a pasdamper. The energy consumption is low compared with pure
active devices and a small batterypi®viding sufficient energyfor that purposeZ0]. The semiactive
conceptshave been proposddr chatter mitigation 18-21]. As chatter onset frequency striyglepends

on the excited mode and the rotating speed, the capability of varying the stiffness of the tuned mass
damper in order to tune the frequency at the desired value is highly useful in ordeete achoptimum
performanceZ0, 21].

In this work, this tuning capability is applied for an effective vibration reduction in the measuring unit.
Thus, instead oftwo or threedifferent tuned mass dampewvehich damp each different mode, a variable
stiffnessvibration absorbewhich autonomously adapts itdffhess to tune according to the mode to be
damped is used.

In order to tune thebeorber to its optimum point,taning function has been derived in order to minimize
the magnitude of the frequency response function (FRF) at the frequency coincidetitewitiating
speed of the wheel. Tl an improved performance with respect to a fixed standard tuning criterion is
achieved.

Finally, validation tests have beg@erformed in a scale supporting structure and a real machine and the
vibration reduction impgyvement comparison with respect to a stanfiaedl tuning strategys evaluated.



3 Optimal tuning of the vibration absorber

In order to tune the absorber to its optimum pointjrevestigation about the optimum tuning has been
carried out.As mentioned ea#dr, in an external cylindrical grinding machine, the main excitation is
produced by the unbalance of the wheel, which has a frequency coincident with its rotation frequency.
Therefore, theobjective is to derivea tuning functionthat minimizes the dynami responseat the
frequency coincident with the rotating speed of the wheel.

The advantage of the variable stiffness tunable absorber is that its stiffness and, therefore, its frequency
can be varied along a specific rangdws, an improved performancetiwrespect to a fixed standard
tuning criterion is achieved.

The vibration absorber must be tuned so that the lowest response is obtained in the measurigacthnit at
wheel rotating speedComputing the achieved response reduction at every rotating, sp@sdudo FRF

which describes the dynamic response at each individual frequency line can be obtained. This pseudo FRF
is only valid to assess pure sinusoidal excitation.

Previously, Den Hartodlf] defined an optimal tuning for a tuned mass damper witistaot stiffness in
order to minimize the amplitude and the real part respectively. In this case, as the tuning frequency will be
modified for different wheel speeds, a new derivation will be sought.

A set of dimensionless parameters have been definedén  simplify the subsequent equations:

Parameter Definition

m

Mass ratio P —=

m,

: f

Tuning f =

fl

, . z

Dimensionless frequency g Z

. . . C,
Damping ratio of the original system h m Z

Dampingratio of the vibration absorbeith C,
respect to the critical damping by Dan Hartog [| * 2m, Z

Tablel: Dimensionless parameters

The magnitude of the frequency response function of the system with thealoi@gion absorber can be
expressed as @]

IH(g)| ki|M<g)|, (1)

wherek; is the modal stiffness of the original system af{g) ~is the magnification function defined as:

wa | |
ag*(f?f £ oL £ PH? (f2(1 g°QA A 9@ 9° 49/ k))°

The optimum tuning is achieved with the minimization-8(g) ~ Equation ) is derived with respect to
f and the following solution is obtained:

)

fopt(g) \/9(93(2 A 29 4/ k) \/ge,é 1694 P/ 16( 1 92(1 5;)2 492A2) é) o

29°C A D

If the damping of the original system is equal to zgr®, themagnification functionyields:
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For both cases;=0 andc, 2, if the magnification functioniM(g) ~is derived with respect ta, it turns

out that the minimization of the function is achieved when the damping of the added tuned massdamper
tends toward OTherefore, m order to achieve the lowest possible response, the vibration absorber will
need to have the lowest possible dampifigs is the case of a vibration absorber, which is similar to a
tuned mass damper baithout addingdampingto the movingmass(c,=0).

From equation (3), it is possible to derive tlehenc,=0, the optimal tuning is achieved whigng, where
the magnificationfunction would be-M(g) = 0. This is not possible to achieve in practice due to the
presence of damping in any mechanical system, luill produce the lowest response.

fopt #9 (4)

Summarizing the optimum tuning of the vibration absorber for a measuring system external
cylindrical grinding machine is achieved whesx0 andf=g. This tuning is only appropriate for a pure
single frequency sinusoidal excitation. If a broader excitation was present, this strategy would not be
suitable.

(3)

Next, thecomparison of one critical modesystem tuned according the developed optimal tunirfg,,
its approximatiorf=g andan optimal fixed tuning arpresented ttough a theoretical simulation.

a)< p=0.2; §,=0.001; x,=0.01 b) = p=0.2; £, =0.01; x,=0.01
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Figure2: Comparison of tuning bgptimal fixedtuningor through optimal variable stiffness vibration
absorbera) f=0.001, b) 4=0.01c) /4=0.05d) /4=0.1

As it can be observed iRigure 2, although the fixed tuning decreases significantly the response of the
system around the critical mode, the variable tuning through the vibration absorber improves the behavior
WR D PXFK KLIJIKHU HIWHQW ,W LV DOV RfQRiswltiai\Das @ddd MsKie W W K H
exact tuning. Therefore, this approximate optimum tuning will be applied henceforth.

The variable stiffness vibration absorbsreéven more advantageous than an optfirat tuning when
more tkan one critical mode is presemnt.drder to assess the improvement achieved in systems with more



than one dominant mode, a tmwde system with the characteristics describedahle 2 has been
analyzed:

‘ Dimensionless paramters Modal parameters

g / Frequencyf = Massm Stiffnessk Damping c
Mode | ‘ 1 0.01 fy 2m, 2k, C1
Mode I 1.73 0.0173 1.73,; 2my 6k 3c;

Table2: Dynamic parameters for the simulation

The tuning parameters used for this simulation are indicatédbte3:

Parameter Fixed tuning at Fixed tuning at Variab_le f=g
Mode | Mode Il tuning
Mass ratio (5 0.2 0.2 0.2
Damping of the tuned mass dampé®) (| Optimal (0.208) Optimal (0.36) 0.01
Tuning ) 0.8 1.63 f=g

Table3: Tuning characteristics

In Figure 3, the two critical mode system is compared when damped through optimal fixed tuning or the
optimum tuning developed for the variable stiffness vibration absorber.

— Original system
— Optimal tuning for 1st mode
— Optimal tuning for 2nd mode| 1
—_f= g

0.1}

dimensionless amplitude, |[M(g)| (1)

0.01 |
0 1

Dimensionless frequency, g (1)

I

Figure3: Comparison obptimal fixed tuningor through optimal variable stiffness vibration absorbex
two mode system

Similarly to the one dominant mode case, the tuning trough the variable stiffness tunable vibration
absorber outperforms the optimaded tuning



4  Design of the vibration absorber

In this section, the variable stiffness DVA concept and tuning strategy developed in Sewfibtbe

implemented ira physical prototype capable of performing in practice the theoretical vibration reduction
envisaged.

A vibration absorber prototype has been built. It consists of a unidirectional moving mass supported by a
rotary spring located in the center of this nmgvimass. This rotary element, which is driven by an electric
motor, is built according to a special shape theivides a variable stiffnessa function of its angular
position (sed-igure4a). When the rotation angle is 0°, the rotary spring contributes to the system with its
minimum stiffness, whereas when it is rotated at 90°, it provides the highest st#fnessoder coupled

to the tuning motor controls the proper angular position in accordance with the rotating speed of the
wheel.The design of the rotary spring must be fitted to cover the wheel rotating frequency range.

a) 50
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carbide
20 50 ( )

0 45
Rotated angle (°)
Figure4: a) Variation of the tuning frequency withdhrotation of the rotary spring) Sketch of variable
stiffness vibration absorber. Red shades represent the fixed parts whereas green shapes represent the
moving mass

Figure4b presens a sketch of the design of the vibration absorheis located on top of the measuring
unit support,oriented at 45° in thgz plane, in such a way that it is capable of acting in botkctons

with its unidirectional movement. The movement is guided through three flexural plates loottom of

the moving massThis assures a low damping of the DVA, which is the best scenario according to the
findings in Sectior8.

The damper has a weight of 37kg with a damping ratio ranging from 0.24 to 0.09, depending on the tuning
frequency. The tuning frequency ranges from 22Hz to 46Hz and varies accortliegstiffness variation
of the rotary spring, which fulfils the following equation:

k k., co8 Mk.__sin® A, (5)
where Ms the rotation of the rotary spring from 0° to 90°.

The dynamic vibration absorber (DVA) is controlled throuple CNC of themachine, whiccommands
the rotary springccording to th wheel rotating spedtirough a tuning motoon real time Therefore the
developed optimal tuninfy,=g is achieved.



5 Experimental validation

5.1 Experimental setup

In order to validate the developedssym a scale prototype of the measuring unit mounted on the gantry
type frame has been set up (fégure5). The system has been downsized, maintaining the propati

the original system. The dynamic vibration absorber has been located on top of the gantry structure, at a
corner, in the equivalent position where it will be tagsted on the real structure.
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Figure5: Measuring uniscale prototype

TheDVA location and its orientation at 45° allotse opeation against the main modestbé system.
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Figure6: Modes of the measuring system located on the wheel rotating frequency range



According toFigure6, there are two modes in the frequency range of the grinding wheel. The first one is a
bending mode ire direction at 23.6Hz, whereas the second one is a torsion mathe ky plane at
27.8Hz.

The excitation has been introduced through an unbalance motor located on the table where the gantry type
structure is clamped, simulating the unbalance coming from a wheel in a real m#&c&i6@00gmm
unbalance has been appliedomder to achieve a high sensitivity in the performed tests, which turned out

in a centrifugal force range of roughly 20000N, depending on the rotation spe&tie vibration
response has been measured at the location of the measuring probe, whigtoiattihwhose vibration

directly affects the dimensional measurement.

The modal parameters of the original mode and the added dynamic vibration absorber are summarized in
the table below:

Parameter | Mode x | Mode z
Natural frequency 27.8Hz | 23.6Hz
Modal mass 194kg | 233kg
Damping ratio | 0.0058 | 0.0076
Mass ratio 0.19 0.16

Table4: Modal parametersf the measuring system

5.2 Results

Figure 7 shows the response achieved when the dynamic vibration absorber is tuned at the frequency of
these main modesompared with an optimal fixed tuning for that mode
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Figure7: a) shows the comparison between the detuned and tuned (27.8Hz) frequency response functions
in x direction;b) shows the comparison between the detuned and tuned (23.6Hz) frequency response
functions inz direction

According to the figure, the iprovement at the resonant frequency is remarkable with the fixed tuning
with optimal damping and especially with the optimal tuning with no damping, achieving reductions of
dynamic response of up to 97% and more than 99% respectively.

The scale measuringni has been validated under different conditions:

a) DVA detuned (constantly tuned at 46.5Hz)

b) DVA tuned for the x modwith optimal dampingta fixed frequency 023Hz
c) DVA tuned for the y modeiith optimal dampingta fixed frequency o2 7Hz
d) SelftunableDVA tuned ag=g with minimum damping

The purpose is to compare the strategy of tuning the DVA at a fixed frequency according to a single mode,
which can be aufficiently good approach when a single mode is affecting the operation range but can be
highly unsuitable for multiple mode structures.



Figure 8 shows the vibration result at different wheel rotation speeds (different frequencies) for the four
previously defined DVA states.

Figure8: Vibration amplitude in the measuring probe location of the scale measuring s3)stemaxis,
b) iny axis anc) in z axis

When the DVA is not tuned, the vibration is magnified at the natural frequency regions (23ldxisn

and 27Hz inx andy axes). The fixed tuning at 23Hgives rise to amplification at higher frequencies,
which caneven result in higher amplitude than the original vibration value. The fixed tuning ata?stHz

leads to high vibration values below and over that particular frequency. The lowest vibration values are
achieved with the setfinable strategy. Therefore,etrselftunable system has proven improved
behavior with respect to traditional fixed damping systems, especiallynéttiple mode measuring
structures. The vibration at the tip of the measuring probe is reduced more than 90% in every coordinate
axis.

6 Conclusions

A tunabledynamic vibration absorber has been developed to minimize vibration in gantry {yTmecass
measuring systems fexternal cylindricalgrinding machinesThe best tuning strategy has been defined
which consists of equating the wheetating frequency in order to minimize the amplification of the
wheel unbalance vibratiomhis tuning is only suitable for pure single frequency sinusoidal excitation
cases.The system is driven by aning motorwhich adds a seluning capabilityto minimize the
amplification of thetransmitted vibrationthroughout the whole wheel rotating speed range. The
advantages of the system with respect tocoaventionalfixed tuning system have been demonstrated
throughtheoretical simulations arekperimentatests.
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