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Highlights

- Ability of CFD to predict the performance of a sc-CO, test compressor is shown.

- Risk of vapor pockets occurrence inside a scale 1:1 compressor is highlighted.

- Limitation of previous performance maps approaches to model real gas behavior is shown.
- A performance maps approach for sc-CO; compressor is proposed and validated.

Abstract

One of the challenges in the performance prediction of the supercritical CO. (sc-CO;)
compressor is the real gas behavior of the working fluid near the critical point. This study deals with
the establishment of an approach that allows coping with this particularity by dressing compressor
performance maps in adequate reduced coordinates (i.e. suitable dimensionless speed and flow
parameters inputs and pressure ratio and enthalpy rise outputs), while using CFD for its validation.
Two centrifugal compressor designs have been considered in this work. The first one corresponds
to a 6 kW small scale component implemented in a test loop at Tokyo Institute of Technology. The
second one corresponds to a 38 MW scale 1:1 design considered at an early stage of a project
that investigates sc-CO; cycle for a Small Modular Reactor application. Numerical results on the
former have been successfully confronted with the experimental data to qualify the ability of CFD to
provide a performance database. Results on the latter have revealed a significant decrease in the
static temperature and pressure during flow acceleration along the leading edge of the impeller
blades. In this line, the increased risk of vapor pockets appearance inside a sc-CO; compressor
has been highlighted and recommendations regarding the choice of the on-design inlet conditions
and the compressor design have been given to overcome this concern. CFD results on the scale
1:1 compressor have then been used to evaluate the relevancy of some previous performance
maps approaches for a sc-CO, compressor application. These include the conventional approach
for ideal gas and its derivation, as well as a reference approach from the literature that was
previously applied to model an sc-CO; test compressor. As the dimensionless parameters of these
approaches are found to yield discrepancies on the compressor performance, a revised approach
that incorporates real gas formulations into turbomachinery key similarity parameters has been
finally proposed. In support, an extensive number of CFD case studies has been carried out at
various compressor inlet conditions, providing numerical results for its qualification. Accordingly,
the proposed approach has been found to succeed in consistently representing and accurately
predicting the sc-CO, compressor performance over a wide operating range.
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Nomenclature Greek symbols

a Speed of sound (m/s) AH Total enthalpy rise (kJ/kg)
Ek Eckert number y Specific heat ratio

Eu Euler number n Efficiency

k, A similarity factor I Pressure ratio

M Mach number p Density (kg/m?3)

m Mass flowrate (kg/s)

N Shaft speed (rpm) Subscripts

ng Isentropic volume exponent a Actual conditions or values
P Pressure (MPa) ad Dimensionless parameter

r Gas constant (J/kg.°C) c Critical point (for pressure or temperature)
Re Reynolds number c Corrected values

s Specific entropy (J/kg.°C) cr Critical (i.e. sonic) conditions
T Temperature (°C) in Compressor inlet

%4 Velocity (m/s) out Compressor inlet

v Specific volume (m%/kg) pc Pseudocritical point

VA Compressibility factor ref Reference values

1. Introduction

The supercritical CO; (sc-CO3) cycle is viewed as a potential candidate for advanced power
conversion systems due to the following advantages (Dostal, 2004): (i) potentially high efficiency
thanks to the low compression work in the reduced compressibility region near critical point; (ii)
smaller size of the turbomachinery; (iii) simpler system layout. Interest in the sc-CO- cycle can be
seen through an increasing number of works that have been conducted over the last decade in
view of analyzing its advantages for various heat sources. Typical applications of the sc-CO; cycle
are low grade waste heat applications (Chen, 2011), hybrid fuel cell systems (Sanchez et al.,
2009), concentrated solar power plants (Turchi et al., 2013), nuclear reactors including innovative
small modular reactors (Sienicki, 2005; Yoon et al., 2012), next generation nuclear reactors
(Dostal, 2004; Hejzlar et al., 2006; Floyd et al., 2013) and fusion reactor concepts (Ishiyama et al.,
2008). An overview on the performance of the sc-CO; cycle in a large range of heat source
temperature can be found in (Pham et al., 2015).

The reduced work of the sc-CO, compressor takes advantage of the real gas behavior of the
working fluid near the critical point. However, the sharp change of fluid properties in this region can
be viewed as having possible implications on the stable operation of the compressor and thus of
the cycle. Besides, the real gas behavior also makes very questionable the application of the
know-how gained on conventional turbomachines to the sc-CO; compressor. For instance, Wright
et al. (2010) admitted that their early attempts to use existing design tools and to couple them to
the NIST REFPROP database for sc-CO; compressor design were unsuccessful. They suggested
that it was probably due to the fact that formulations and solution methods used by the available
design tools were based on the specific heat capacity, which was no longer a relevant indicator for
the enthalpy change of sc-CO..

In order to investigate the performance and operation of the sc-CO; compressor near the
critical point, test loops were built at Tokyo Institute of Technology (TiTech) and Sandia National
Laboratories (SNL). Tests at TiTech were said to confirm the stable operation of the compressor
near the critical point and the reduced compression work in the supercritical region (Aritomi et al.,
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2011). Tests at SNL were reported to demonstrate the capability of operating the sc-CO:
compressor in the vapor, liquid, and supercritical regions (Wright et al.,, 2010). In addition,
compressor operation in the two-phase region was observed to yield no dysfunctional behavior
(Noall and Pasch, 2014).

In parallel with the collection of experimental data on the sc-CO; test loops at TiTech and SNL,
significant efforts have been devoted to the design and performance prediction of the sc-CO-
compressor through both 1D analysis (meanline code) and CFD simulation. Meanline codes as
those reported in (Moisseytsev and Sienicki, 2010; Vilim, 2010) are based on the classical
approach of establishing the one-dimensional mass, momentum and energy conservation
equations for the compressor. It is important to note that these codes represent different loss terms
using empirical correlations in the literature whose relevant application for the sc-CO, compressor
is still an issue.

CFD simulations have been performed on the sc-CO; compressor used in the test loops,
providing results to confront with the experimental data. Aritomi et al. (2011) investigated the
TiTech compressor using the commercial code CFX. Thermodynamic properties of CO2 were
obtained using the Aungier-Redlich-Kwong equation of state. Turbulence modeling was assured
through the k-¢ model. It was then concluded that the calculated compressor outlet temperature
and pressure coincided well with the experimental data. The maximum discrepancy for the
temperature and pressure were 0.14 MPa and 0.4 °C, respectively. Rinaldi et al. (2013) used a
parallel solver for the solution of Navier-Stokes equations on unstructured meshes to study the sc-
CO;, compressor mounted on the SNL test loop. Fluid properties were interpolated from a pre-
computed look-up table that was generated form the NIST database. The k-w SST turbulence
model was employed. Compared to the experimental data, the efficiency and head coefficient
resulted from the simulation showed a relative difference of about 4% and 25%, respectively.

The use of different physical models, typically the turbulence model, in these early
investigations has not been sufficiently backed due to the lack of relevant knowledge. Literature on
this topic can only be found in the study of heat transfer problem in supercritical fluid flows.
Accordingly, Hiroaki et al. (1973) suggested that the sharp variation of thermal physical properties
might change the velocity profile, and thus the shear stress distribution and turbulence production.
In this case, various turbulence models available in the simulation codes are no longer relevant to
be used for supercritical fluid flows. In the adiabatic case, nevertheless, experiments showed that
the flow structure and the near-wall velocity profile in supercritical flows remained similar to those
in liquid and gas flows (Kurganov and Kaptil'ny, 1992). As such, commonly used turbulence
models can be expected to not yield significant irrelevancy when applied to the sc-CO; flow in the
compressor.

Performance analysis through these numerical tools shows its advantages for preliminary
sizing, design and operation validation of turbomachinery. However, this approach is relatively
expensive for application to the turbomachines integrated in a complex system such as an energy
conversion system, especially for transient studies. In such cases, turbomachine performance
maps are used to provide the performance parameters, conventionally pressure ratio and
efficiency. These latter are indeed calculated/interpolated through explicit functions of corrected
mass flowrate and shaft speed, thereby speeding up the calculation. The corrected parameters can
be derived from the scale analysis on the basis of the similarity conditions. They allow taking into
account the departure of the compressor operating conditions from the reference conditions at
which the maps are generated. It is important to note that the development of these parameters
incorporates the ideal gas assumptions. Specifically, the working fluid in the turbomachines must
follow the ideal gas law and feature a constant specific heat ratio.

Moisseytsev and Sienicki (2006), using a meanline code, showed that a small change in inlet
pressure or inlet temperature caused a significant impact on the compressor performance. As
such, the conventional corrected shaft speed and mass flowrate were seen to be not able to
represent these effects. An alternative approach that involves generation of performance maps for
individual variations of each of the operating conditions was therefore proposed. These four-
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dimensional maps provide the mass flow rate and outlet temperature resulting from the mean line
code at a given set of shaft speed, inlet temperature, inlet pressure, and outlet pressure. Note that
such an approach, though pragmatic, could be seen as increasing the experimental effort of
validation and making more complex the numerical treatment of performance maps in a system
code.

Another approach of sc-CO, compressor performance maps was provided by BNI (Barber-
Nichols Inc.) on the basis of the similarity conditions (Wright et al., 2011). As the conventional
approach for ideal gas turbomachinery, the BNI approach consists in correcting the mass flow rate
and the shaft speed with respect to the compressor inlet conditions. These corrections, which are
based on formulations given in (Glassman, 1972) for non-ideal gas compressors, refer to the
critical conditions (i.e. sonic conditions) instead of the commonly used total conditions (i.e.
stagnation conditions). The choice of the critical conditions was previously explained by the fact
that it allows taking into account the change of specific heat ratio (Glassman, 1972). As such, the
BNI approach is expected to be able to consistently represent the performance of the sc-CO-
compressor. Tests performed at SNL provided data to establish the performance maps of the sc-
CO; compressor in comparison with the BNI prediction. The measured data in the supercritical
region were reported to be in agreement with the predicted values (Wright et al., 2010). Though,
test data in the liquid phase revealed larger discrepancies compared to those in the supercritical
region (Wright et al., 2011).

The present study investigates the establishment of the sc-CO, compressor performance
maps by mean of CFD simulations. These latter are performed using the commercial code STAR-
CCM+. First, the geometrical and physical models of the sc-CO. centrifugal compressor are
presented. Then, simulation results on the small scale TiTech compressor are reported in
comparison with the experimental data to qualify the CFD technique. Next, some particularities in
the compression of sc-CO; are disclosed thanks to the simulations on a full scale compressor
design, providing feedbacks for future sc-CO, compressor sizing. Finally, limitations of previous
performance maps approaches for the sc-CO, compressor are highlighted and a new approach is
proposed to cope with the real gas behavior of sc-CO,, such as compressibility. This is qualified
through CFD results to assess its ability to consistently represent and reliably predict the sc-CO»
compressor performance.

2. CFD simulations of the sc-CO2, compressors

2.1. Sc-CO; centrifugal compressor modeling

2.1.1. Geometrical modeling and boundary conditions

2.1.1.1. Compressor models

Two centrifugal sc-CO; compressors are considered for the CFD simulations: a small scale
one used in the TiTech test loop and a full scale one, named as SMR compressor, which is
considered at an early stage of a project that investigates sc-CO, cycle coupling to a Small
Modular Reactor (Pham et al., 2015). The small scale TiTech compressor has a vane diffuser while
the full scale one is designed with a vaneless diffuser. Both impellers are unshrouded and have
backward curved blades (i.e. the impellers spin clockwise in Fig 1). Design conditions and main
dimensions of both TiTech and SMR compressors are recapitulated in Table 1, together with those
of the small scale SNL compressor, used in the SNL test loop, for reference. Pictures of these
compressors are given in Fig 1.
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Fig 1: Design of TiTech, S

NL and SMR compressor (from left to right).

Table 1: Sc-CO, compressor design conditions and main dimensions.

TiTech SNL SMR
Scale small small 1:1
Power, kWe 6 50 38 340
Pressure ratio 1.19 1.8 2.38
Mass flow rate, kg/s 2.0 3.5 2324
Shaft speed, rpm 24 000 75000 7 000
Impeller exit diameter, mm 76 37.4 498
Impeller-tip inlet diameter, mm 40 18.7 289
Impeller-hub inlet diameter, mm 19.97 5.1 144
Outflow depth, mm 3.4 1.7 38
Clearance gap, mm 0.20 0.25 n/a
Number of impeller blades 16 6/6 11
Number of diffuser blades 19 17 0

2.1.1.2. Fluid flow models and mesh

The calculation domain, i.e. the region occupied by the fluid flow, can be generated from the
CAD model of compressor. Note that for an axisymmetric problem such as the flow in the
compressor, a simplified domain can be used to significantly reduce the computational cost. For
the TiTech compressor, only one-sixteenth of the impeller and one-nineteenth of the vane diffuser
are modeled, in line with the number of blades of impeller (16) and diffuser (19) (cf. Fig 2).
Similarly, only one-eleventh of the impeller and of the vaneless diffuser is modeled for the SMR
compressor (cf. Fig 3). Periodic boundaries will be then adopted to assure the continuity of the fluid
flow. The tip clearance is taken into account for the TiTech compressor but is neglected for the
SMR compressor. Indeed, the tip clearance has more important effect on the performance of the
small scale compressor, compared to that of the full scale one.
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Fig 2: Calculation domain for the TiTech compressor simulation. Impeller blade is hidden
under the tip-clearance flow.

For the TiTech compressor, the simulation domain ends up with the diffuser, i.e. the volute
being excluded. Parenthetically, a reason for omitting the volute in TiTech compressor is the
difficulty faced when trying to interpret its 3D shape in the component drawing. Nevertheless, this
volute has very small effect in the change of the static pressure at the compressor outlet due to the
low velocity of the fluid leaving the diffuser. This is not the case of the full scale SMR compressor,
for which a symmetric two-outflow volute was designed to efficiently slow down the fluid flow at the
diffuser outlet, providing a complementary static pressure increase. The fluid region in the volute
can be modeled as a half of the real one as in Fig 3, using the periodic boundary conditions.
Finally, an intake region is also added to the upstream of the impeller region to avoid the
perturbations of the rotating effects on the inlet flow. Table 2 recapitulates the simplification of the
fluid flow region for both TiTech and SMR compressors.

Volute region

Diffuser  Impeller Intake
region region region

Fig 3: Calculation domain for the SMR compressor modeling.

Table 2: Summary of fluid flow domain simplification for the TiTech and SMR compressor

modeling.
Fluid region TiTech SMR
Intake 116 111
Impeller 1/16 111
Diffuser 119 111
Volute N/A 1/2
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Fig 4: TiTech compressor grid with a zoom on tip clearance refinement. Periodic conditions
are applied for pairs of lateral surfaces.

Polyhedral mesh is generated for the fluid flow domain of each compressor (cf. Fig 4 and Fig
5). The total numbers of cells for the fluid flow domain of the TiTech and SMR compressor are
around 250 000 and 500 000, respectively. Note that a special attention is placed on the boundary
layer region where prism layers are used to control the position of the first cell near the solid wall.
This is to keep the wall distance in the viscous length coordinate (wall y*) around 30 — 120, which
is indeed the recommended range for using the wall function approach to solve the turbulence
properties in the near wall region. There are two reasons for such a choice. First, the case studies
featuring large incidence angles at impeller inlet are not engaged in this work and thus flow
separation is avoided; the wall-function approach can therefore provide sufficiently accurate
results. Second, this approach is privileged to reduce the computational cost since an extensive
number of simulations is envisaged to establish the compressor performance maps.

P/g{iodic conditions

Intake-impeller Impeller-diffuser ¥
interface interface

Fig 5: SMR compressor grid with prism layers in the near-wall regions. Mixing-plan interfaces
are defined at the intersection of two regions. Periodic conditions are applied for pairs of
lateral surfaces.

2.1.1.3. Boundary conditions setup

For the CFD simulations in STAR-CCM+, boundary conditions such as temperature and mass
flowrate at the compressor inlet and pressure at the compressor outlet should be specified to the
solver. The shaft speed should also be defined as an input parameter for the calculation. The outlet
temperature and inlet pressure will be obtained as the simulation results. Additionally, the shaft
torque can be exported from the solution to derive the compressor performance. These conditions
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are summarized in Table 3. The periodic conditions are defined for different pairs of surfaces as
mentioned above. The remaining surfaces, including the hub and shroud surfaces as well as the
wall surfaces of impeller and diffuser blades, are specified as non-slip adiabatic wall.

Table 3: CFD calculation input and output data.

Compressor conditions CFD input CFD output
Inlet temperature °

Inlet pressure °
Outlet temperature °
Outlet pressure °

Mass flow rate °

Shaft speed °

Torque °

As indicated above, it is the compressor outlet pressure which is set for the calculation and the
compressor inlet pressure is a result in STAR-CCM+. However, compressor performance analysis
is commonly performed at given inlet conditions, letting outlet conditions as the results. Indeed, this
practice is convenient for generating the compressor performance maps since the flow and speed
parameters should be predetermined through the inlet conditions. For the mentioned purpose, a
java program was developed and run simultaneously with the STAR-CCM+ calculation: the
compressor outlet pressure is automatically adjusted during the iterative process in order to
achieve a preset compressor inlet pressure.

2.1.2. Physic modelling
2.1.21. Modeling of the fluid properties

The free Helmholtz energy equation proposed by Span and Wagner (1996) is used to
accurately predict the CO, thermodynamic properties in the near critical region. This equation of
state is, unfortunately, not available in most of commercial CFD codes. Nevertheless, STAR-CCM+
provides the possibility to implement an equation of state throughout field functions or look-up
tables for thermodynamic properties of fluid. During the simulation process, these field functions
are called or an interpolated lookup algorithm is used to compute the required properties at a given
set of state variables, specifically temperature and pressure. The method using look-up tables is
quite simple and is therefore adopted in this work.

The ranges of the lookup tables have been chosen in [-30; 90 °C] for temperature and [1.5; 30
MPa] for pressure in view of covering the compression line when operating the compressor in the
liquid and supercritical regions. Three tables are defined for the density, enthalpy, and speed of
sound, as required in STAR-CCM+. The range of the look-up table mentioned above includes not
only the supercritical phase but also the liquid phase. This is our intention to perform the
simulations of the sc-CO, compressors at various inlet conditions, even close to the saturation
dome. In this latter case, the temporary solution of the iterative process (i.e. on-going converged
solution) may have a local region that drifts into the two-phase condition. As such, the
discontinuities in the fluid thermodynamic properties throughout the liquid-vapor coexistence curve
will lead to long-time iterative process or even non-converged calculation.
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Fig 6: Discontinuity in the CO. density across the saturation curve from the equation of state
(left) and the modified equation for numerical purposes with a continuity in the density across
the saturation curve (right).

To overcome this concern, the properties of CO. such as density, enthalpy, and speed of
sound in the vapor region next to the saturation line are replaced by those interpolated from the
liquid and the remaining vapor region. This approach is illustrated in Fig 6 for the CO, density.
Similar technique has been extensively used for calculating metastable properties of steam used in
the IPAWS-97 database and recently used for calculating subcooled vapor of CO; in (Baltadjiev et
al., 2014). This latter study extrapolates the vapor properties to the liquid region near the saturation
curve to study the effect of local condensation during the compression of CO; from the vapor
region. In the present study, however, this technique is used only for the numerical purposes. As
the fluid properties continuity is ensured artificially across the saturation curve, there is no
numerical problem encountered during the calculation. The final solution can be easily checked to
see whether there exists a two-phase zone inside the fluid domain, by simply comparing the
minimum pressure with the saturation pressure. If the on-set of the two-phase condition is
detected, the calculation results should be discarded since the physical meaning of such an
approach is not ensured.

2.1.2.2. Modeling of the fluid flow

The operation of a centrifugal compressor is inherently an unsteady process, i.e. the flow
present in the centrifugal compressor is unsteady. This is mainly a result of the aerodynamic
interaction between the rotating and stationary parts. Hence, the modeling of turbomachinery flows
involves the problem of handling the rotating effects and the rotor-stator interaction. In spite of the
unsteady nature in the centrifugal compressor flow, it can be modeled as a steady-state problem
using the so-called multiple frames of reference approach, together with a mixing-plane interface.
This technique consists in using a moving frame and accounting for additional terms for the
Coriolis and centrifugal forces. The flow in the rotating component, such as the impeller, is
modeled in a rotating frame of reference whereas the remaining flow in the stationary parts can be,
as usual, solved with equations in the stationary frame. Further details on this approach, as well as
on the other ones for turbomachinery flow modeling, can be found in (Liu and Hill, 2000).

As previously discussed, commonly used turbulence models can be expected to be used for
modeling the sc-CO, compressor. Even with this assumption, selecting a suitable turbulence
model for turbomachinery simulations always remains a challenging task. Turbulence models need
to be able to cope with high Reynolds number flows as well as complex flow dynamics inside the
turbomachinery. The qualification of turbulence model can only be done with sufficient various
experimental data which range from turbulence properties to mean flow properties as well as data
related to the turbomachine performance. Such detailed information is not available and thus it
cannot be the objective of this work to come toward the selection of a most relevant turbulence
model. Besides, the impact of turbulence modeling on the compressor performance could be seen
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as secondary effects in comparison with the ones resulting from the real gas behavior of the
working fluid (e.g. variation of the fluid compressibility), which is focused on in this study. In that
context, the realizable k-¢ model is conservatively used as it is more proven for a variety of types of
flows (Karthik, 2011).

2.2. Simulation results of the sc-CO, compressors

The on-design inlet conditions of the three sc-CO, compressors mentioned in the previous
chapter are recapitulated in Table 4. The SNL compressor (shown therein for reference) operates
entirely in the supercritical region with the compression starting from a point very close to the
critical point. The TiTech compressor, on the other hand, was designed with subcritical gas
condition at the inlet and supercritical condition at the outlet. The full scale SMR machine
compresses CO; in the subcritical liquid condition and discharges sc-CO- at the outlet. The on-
design inlet and outlet conditions of each compressor are illustrated in Fig 7. Although phase
change occurs inside both TiTech and SMR compressors, these transitions take place between the
regions where fluid properties feature no abrupt variation (i.e. from subcritical liquid to supercritical
region or from subcritical gas to supercritical region).

Table 4: Comparison of the sc-CO, compressors on-design inlet conditions.

TiTech SNL SMR
. Subcritical . Subcritical
Fluid phase gas Supercritical liquid
Temperature, °C 32 32 27
Pressure, MPa 6.80 7.70 8.4
Density, kg/m® 220 587 758
Compressibility 0.53 0.22 0.19
52 .
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Fig 7: On-design inlet and outlet conditions of different sc-CO, compressors with various
isobar, iso-compressibility, and iso-density lines. T, Pt and P, denote the critical temperature,
critical pressure and pseudocritical pressure, respectively.

2.2.1. Simulation results on the small scale compressor

TiTech compressor simulations have been performed at the on-design conditions and
elsewhere. Among available experimental data, those with inlet conditions located at very different
areas, typically in terms of compressibility, have been selected for off-design simulations. Though,
there is only one point available in the liquid-like supercritical region (i.e. at high compressor inlet
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density). The remaining points are either in the subcritical gas phase or gas-like supercritical
phase.

The temperature and pressure contours on the impeller blade wall and hub surface are shown
in Fig 8. The continuity in the evolution of these parameters along the fluid flow domain allows
illustrating the achievement of a converged solution. The compressor outlet conditions resulted
from the CFD simulations are shown in the T-s diagram in Fig 9, together with the inlet and outlet
conditions monitored on the test loop. The digital data are reported in Table 5 to ease discussion.
Overall, there is a good agreement between the experimental data and the simulation results
regarding the compressor outlet temperature and pressure. The discrepancies are roughly limited
below the sensor uncertainties, 0.50 °C for temperature and 0.020 MPa for pressure. From the T-s
diagram, it comes out that the unique set of operating conditions in the liquid-like supercritical
region leads to an entropy decrease along the compression line. Such a result violates for sure the
second law of thermodynamics since the heat losses are negligible during the compressor
operation (Aritomi et al., 2011). This fact clearly indicates the strong influence of the measurement
uncertainties on the reliability of the fluid properties determined from the measured data.

Absolute Pressure

Absolite Pressure (MPa)
6.595 6.845 7.094 7.343 7.593 7.842

3041 32.71 35.02 37.32 39.62 41.92
Temperature (C)

Fig 8: Pressure contour (left) and temperature contour (right) on the impeller blade and hub
surface at the on-design operating conditions of the TiTech compressor.
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Fig 9: Distribution of TiTech experimental data used for the simulations and CFD results of the
corresponding conditions.

Table 5: Comparison of experimental data and CFD results on the TiTech compressor. First
line represents CFD results at the on-design conditions.
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Compressor input Compressor output Errors

. . Tout (°C) Pout (MPa) AT AP
N (rpm) |mh (kg/s)| Tin (°C) |Pin (MPa) i Exp oFD Exp (08‘; (ME,‘;)
24000 | 2.00 32.00 6.800 45.09 n/a 8.074 n/a n/a n/a
13100 1.15 33.44 5.330 36.96 36.74 5.569 5.580 0.22 -0.011
15510 1.34 39.14 5.500 4417 43.94 5.842 5.860 0.23 -0.018
13104 | 3.74 35.20 7.624 39.32 39.20 8.120 8.145 0.12 - 0.025
13710 | 3.72 37.40 7.792 41.91 41.74 8.332 8.340 0.17 - 0.008
12000 | 4.01 35.35 8.271 38.91 38.34 9.117 9.130 0.57 -0.013

The measurement reliability further demonstrates its importance when evaluating the
compressor performance. Table 6 reports, for the two latter cases in Table 5, the enthalpy rises
within the compressor derived from the measured temperatures and pressures at the compressor
inlet and outlet, in comparison with those given by the CFD simulations. Taking into account the
sensor uncertainties, the enthalpy rises vary in a very large range, covering negative to positive
values. The absolute values of lower and upper bounds of these ranges are much larger than the
enthalpy rises determined from CFD results.

Table 6: Enthalpy rises derived from the measured temperature and pressure and those given
by the CFD simulations.

Input data Output data Performance
Tin (°C) Pin (MPa) Tout (°C) Pout (MPa) AHt (kJ/kg) n (%)
EXP 3740+05 | 7.792+0.02 | 41.74+0.5 8.332£0.02 [-6.4;8.3] n/a
CFD 37.40 7.792 41.91 8.332 1.20 88.2
EXP 35.35+0.5 | 8.271+0.02 38.34+0.5 9.130 £ 0.02 [-21.6;9.9] n/a
CFD 35.35 8.271 38.91 9.117 1.78 86.1

The reported calculation emphasizes the strong impact of the measurement uncertainty on the
enthalpy rise derived from the measured temperature and pressure. The same behavior is
observed for other thermodynamic properties such as density and entropy (cf. Fig 9). This is a
result of the real gas behavior of the working fluid which features dramatic properties variation in
the near critical region. Higher accuracy sensors (i.e. thermocouple and barometer) cannot
overcome this difficulty, as demonstrated in (Wahl, 2009). This latter work shows that a
complementary measurement of the fluid density is essential to derive reliable performance of the
sc-CO, compressor.

2.2.2. Simulation results on a full scale compressor

Initial simulations were performed at the on-design operating conditions of the compressor (c.f.
Table 7) using the tabular Span-Wagner equation of state but this could not lead to a converged
solution. Although efforts were made to adapt some parameters of the solvers that control the
numerical methods, no improvement was achieved. This was likely due to the appearance of two-
phase zone in the fluid flow. Such a situation would lead to the discontinuity of fluid properties,
having implications on the solution stability during the iterative process. This could have been
overcome using the modified equation of state but such a process would not have coped with the
physical unsoundness of the achieved solution. Therefore, the operating conditions of the
compressor were also modified to ensure the achievement of a physically meaningful solution, i.e.
a converged solution without the appearance of two-phase region. It was at first privileged to
operate the compressor at the on-design conditions of inlet temperature and pressure, i.e. in the
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liquid region and close to the critical point. Hence, the mass flowrate and shaft speed remained the
two free parameters that could be changed to reach a converged solution. This will for sure not
comply with compressor specifications for an SMR application, but will allow investigating the real
gas aspects of the compression, which is the main point of this study. Let’s first confine our interest
at the inlet conditions that features relatively zero incidence angle.

A set of these two parameters has been found to meet the above mentioned objective without
degrading too much the compressor performance, in particular the pressure ratio. It is reported in
Table 7 together with the simulation results, in comparison with the on-design conditions. A
pressure ratio of 2.19 has been obtained which is viewed to be sufficiently high to characterize the
compression in a full scale compressor. The surprisingly high efficiency of 92.6%, compared to the
on-design efficiency, deserves some discussions. First, the parasitic losses have not been taken
into account in this efficiency since the CFD modeling deals only with the main flow across the
compressor. Note that parasitic losses such as disk friction loss, tip clearance loss, and
recirculation loss are originating from minor flows leaking away from the main flow. Accounting for
these losses would further decrease the compressor performance. Second, the compression of a
real working fluid as sc-CO; in a full scale compressor has not been fully experienced at this stage.
Hence, the widely accepted efficiency of ideal gas compressors should be viewed as a qualitative
indicator for comparison. Finally, this potentially high efficiency seems to be somehow in line with
that of an axial compressor previously sized by Muto et al. (2003).

Table 7: Compressor performances provided by the design tool at the on-design conditions
and those resulted from the CFD simulation for a given case study.

N m T P v T P
C t d t,in t,in in t,out t,out PR
ase st | (pm) | kais) | c) | (MPa) | (mis) | (C) | (MPa) "
On-design | 7000 | 2324 628 | 434 | 2000 | 2.38 | 89.0%
27.0 | 840
i 5087 | 1482 306 | 411 | 1839 | 219 | 92.6%

The contours of temperature and pressure are shown in Fig 10 and Fig 11. Overall, there is no
discontinuity in the evolution of these parameters, illustrating the achievement of a physically
meaningful solution. In addition, these figures disclose the dramatic decrease in the temperature
and pressure in the region near the impeller leading edge where the flow acceleration takes place.
Minimum temperature and pressure of 22.1 °C and 6.05 MPa have been respectively found, in
comparison with the total temperature and total pressure of 27.0 °C and 8.40 MPa at the
compressor inlet. This minimum pressure is slightly above the 6.02 MPa saturation pressure at the
achieved minimum temperature, implying a very high potentiality of entering the saturation dome.

Pressure side

Suction side

Temperature (C)

22.1 25.4 28.7 32.0 3583, 38.6
||
Fig 10: Temperature contour on the impeller blade and hub surfaces of the full scale sc-CO-
compressor.
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Absolute Pressure (bar)

60.526 78.895 97.265 115.63 134.00 152.37

Fig 11: Pressure contour on the impeller blade and hub surfaces of the full scale sc-CO-
compressor.

In order to gain a more quantitative understanding of these decreases, a simple analytical
calculation has been performed. It consists in determining the evolution of the static temperature
and static pressure during the acceleration of flow under the isentropic condition. Both ideal gas
and sc-CO- have been considered at a total temperature and a total pressure of 27 °C and 8.40
MPa, respectively. A comparison between both thermodynamic models is reported in Fig 12. Also
plotted therein is the saturation pressure of CO; derived from the corresponding temperature.
These plots clearly demonstrate the dramatic decrease in temperature and pressure in the real gas
flow. Additionally, the CO. pressure is just slightly above the saturation pressure at high velocity,

around 80 m/s. It suggests that a further increase in the flow speed would let the fluid enter the
two-phase region.

28 9.0
026 =80
[) o
5 =
=) -
T 24 070
: 2
g 22 + g 6.0 | —e—— Ideal gas
= ——o— |deal gas o —a— C02

—s—Cc0o2 e Psat
20 I I I 50 I I I
0 20 40 60 80 0 20 40 60 80
Velocity (m/s) Velocity (m/s)

Fig 12: Temperature and pressure decreases in the sc-CO; and ideal gas flow acceleration.

The high potential risk of crossing the saturation dome supports the aforementioned fact that
there was no possibility to achieve a physical solution by increasing the mass flowrate and shaft
speed to approach the on-design operating conditions. Compressor operation at an inlet
temperature of 35 °C is addressed in the following simulations. Note that such a temperature was
recommended in the literature in view of accommodating the cycle to the world-wide heat sinks

possibilities (Dostal, 2004). Two case studies in the supercritical condition, namely i2 and i3, are
considered.

Table 8: Comparison of compressor operating conditions for three case studies.

Case study | N (rpm) | m (kg/s) | T, (°C) | Py, (MPa) | V, (m/s)
i1 1482 27.0 8.40
i2 5987 1144 35.0 8.40 39.6
i3 1293 35.0 9.10
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Fig 13: Compressor inlet conditions for three cases i1, i2 and i3.

The inlet pressure is maintained at 8.4 MPa in case i2 (which is close to the optimal value for
the highest cycle efficiency) and increased to 9.1 MPa in case i3. This latter is somewhat a choice
that may favor stable operation of the compressor in a region of smoother change of fluid
properties. The compressor shaft speed is the same in all three cases but the mass flowrates are
adjusted to have the equivalent velocity inlet in order to keep the operation of the compressor at
the same optimal incidence angle.

Simulations have been carried out on these two additional case studies. As the modified
equation state is utilized, the converged solution is always assured even if there is the appearance
of a biphasic region inside the compressor. Thanks to this final solution, one can track the state
change of the working fluid and then assess the physical soundness of the solution (i.e. by
verifying the lack of two-phase flow condition). This idea is demonstrated in Fig 14 where the
colors indicate different fluid phases with the convention shown in the color bar. In the first case,
the compressor inlet is in the liquid region, the working fluid is compressed to the supercritical
region. The liquid-supercritical phase transition takes place smoothly inside the compressor. In the
second case, although the inlet conditions are shifted into the supercritical region (with higher inlet
temperature), there is a large biphasic region (the blue region) that develops near the leading edge
of the impeller blades. With the increase in the inlet pressure from 8.4 to 9.1 MPa, the two-phase
zone no longer exists within the compressor. In this case, the compressor operates in the
supercritical region, except a small fraction of liquid phase near the leading edge.

These simulation results suggest that compressor operating at a supercritical temperature
does not necessarily provide a larger margin to the saturation dome than that at subcritical
temperature. Indeed, it is the inlet pressure which should also be chosen in accommodation with
the inlet temperature. The commonly considered inlet conditions for optimal cycle efficiency (i.e.
case i2) shows high risks of two-phase flow appearance inside the compressor. This situation can
be prevented through two possibilities which consist in modifying either the inlet pressure or the
inlet temperature. The former leads to degradation in the thermal efficiency of the sc-CO, cycle
whereas the latter provide higher cycle performance (see Floyd et al., 2011). The initial choice of
the inlet condition in the subcritical liquid region, which was actually made to optimize the cycle
performance, interestingly shows an additional benefit in terms of preventing the appearance of the
two-phase condition inside the compressor.
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Case i1: 27 C & 8.4 MPa Case i2: 35 C & 8.4 MPa Case i3: 35 C & 9.1 MPa

Fluid State

Two-phase Liquid Supercritical Gas

Fig 14: State change of the fluid inside the sc-CO, compressor for three case studies. The
modeled fluid domain is duplicated for the representation purpose.

In the aforementioned case studies, the inlet velocity and the shaft speed have been chosen
so that the flow entering the impeller remains close to the optimal incidence angle. In such
configuration, the acceleration of the flow past the leading edge is minimal. If this is not the case,
higher flow velocity could be expected and thus more potentiality of crossing the saturation dome
can be foreseen. To confirm this point, the mass flowrates in cases i1 and i3 have been adjusted to
increase the inlet velocity by 15% while the other conditions are maintained. The simulation results
of these two new cases, namely i1* and i3*, are shown in Fig 15. For each case, a small two-phase
area is marked on the pressure side of the impeller entrance region. The case i3*, in comparison to
its original case i3, shows a larger liquid region which develops from the leading edge to the
suction side of the next blade. The case i1* features a second small two-phase area in the suction
side of the impeller blade, which is in line with the depressurization and the temperature drop in
this place.

Case i1*: 27 °C & 8.4 MPa Case i3* 35 C & 9.1 MPa

Fluid State

Two-phase Liquid Supercritical Gas

Fig 15: Sate change of the fluid inside the sc-CO, compressor for two modified case studies.
The modeled fluid domain is duplicated for the representation purpose.

These complementary simulation results show that the previous recommendation in the choice
of the inlet temperature and pressure is not sufficient to assure a margin to the saturation dome. A
small velocity inlet, together with a low rotation speed, is additionally required to keep the flow
acceleration under a certain limitation. There is actually no quantitative indication that can
generally be given at this stage due to the fact that its relevance would be limited to the considered
compressor geometry and other factors to be defined. Among these factors, the range of off-design
operating conditions should be paramount. For example, a larger deviation of the flow entering the
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impeller with respect to the optimal incidence angle would lead to more significant flow acceleration
and thus would require a smaller inlet relative velocity at the on-design conditions. Design of the
leading edge should also impact the flow acceleration. To conclude, the prevention of the two-
phase flow in the sc-CO, compressor requires coping with the effect of flow acceleration near the
impeller leading edge at both on- and off-design operating conditions. Clearly, these constraints
will be relaxed if the appearance of a two-phase region inside the compressor is proven to not yield
marked performance degradation, neither severe detrimental mechanics effect, which could be in
line with the aforementioned observations at SNL.

3. Performance characteristics of the sc-CO, compressor

3.1. Revision of the previous performance maps approaches

Three performance maps approaches are considered in this revision and their dimensionless
parameters are recapitulated in Table 9. The pressure ratio and the efficiency are already
dimensionless parameter and thus are not shown in this table. Those of the conventional ideal gas
approach (IG) can, as previously mentioned, be derived through the dimensional analysis (cf.
Roberts and Sjolander, 2005). Indeed, the reported dimensionless enthalpy rise is not commonly
used to define the performance of an ideal gas compressor. For such a purpose, the pressure
ratio, as well as the efficiency, is employed. Nevertheless, these three parameters will be
examined in the following, even if two of them are sufficient to determine the compressor
performance. Additionally, for the sake of convenience, the corrected parameters, which are
formulated from these dimensionless parameters at the actual conditions (cf.

Table 10), are used to establish the performance maps at the considered reference conditions.

If the gas does not follow the ideal gas law and its departure from the ideal gas can be
characterized through the compressibility factor, more general parameters, as given in (Kidnay et
al., 2011), can be used. Such a case is hereafter named as ideal gas approach with compressibility
correction (IGZ). It is important to highlight that these two correction approaches can only be valid
within the assumption of constant specific heat ratio. When this assumption is not satisfactory, the
critical conditions, instead of the total conditions, could be referred to, as is the case of the BNI
approach. The temperature and pressure at the critical conditions in these dimensionless
parameters can be determined through those at the total conditions as follows:

—1 4
~ 1+y l+y) r1
2,1, =213 (Ea. 1) P, - 3[77] €a2)

Table 9: Dimensionless parameters of different approaches for establishing the
turbomachinery performance map.

IG 1GZ BNI
7E 7E Vi
N N N
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Table 10: Corrected parameters of different approaches for establishing the turbomachinery
performance map. Subscripts a and ref denote the actual and reference conditions,
respectively.

IG IGZ BNI

m, m m m———"" ——
7 t a \Y WY; ref 73 a \/WZtT; ref 7/})121’ a WZchcr ref

gl gtz |t

crocr

1 1 1
AH T Z.T AH Z T ) .
AHC [WT J (W )lef [ t ]/I”th-; \]a(W t t)ref ( t WZ”]—VW Ja (W crcr )rey’

In brief, the non-ideal gas behavior was previously taken into account through the
compressibility factor and the critical condition. The former provides a correction for the state
variables, specifically the density, to cope with the change of inlet temperature and pressure while
the latter is seen to allow overcoming the variation of specific heat ratio. In the following
subsections, we will examine step by step the effect of each refinement in the case of a sc-CO-
compressor.

3.1.1. Effects of the compressibility correction

Let’s first consider some inlet conditions which satisfy the assumption of constant specific heat
ratio. As such, the contribution of the compressibility factor can be made clear by comparing the
compressor performance at different inlet conditions following each approach. For this purpose,
CFD simulations on the full scale sc-CO; compressor have been carried out, providing results to
calculate the performance parameters (i.e. corrected enthalpy rise, pressure ratio and efficiency).
The inlet conditions have been chosen in the 27 - 40 °C temperature range and 9.0 - 12.3 MPa
pressure range so that the variation of the compressibility factor is significant. The mass flowrate
and shaft speed corresponding to each point have been chosen to yield unique corrected mass
flowrate and corrected speed, being set at 1150 kg/s and 4500 rpm. The compressor performance
following the IG and IGZ approaches are recapitulated in Table 11, together with their maximum
discrepancies. These are given in relative values for the corrected enthalpy rise and in in absolute
values for pressure ratio and efficiency.

Table 11: Performance comparison between the IG and IGZ correction approaches at

corrected mass flowrate and speed of 1150 kg/s and 4500 rpm with respect to the reference
conditions of 27 °C and 9.00 MPa.

IG approach IGZ approach

Zt,in 7/ AHc AHc
(kJ/kg) (kJ/kg)

27.0 9.00 0.204 | 3.46 6.82 1.558 92.67 6.82 1.558 92.67
30.0 9.84 0.224 | 3.46 6.51 1.485 92.62 6.83 1.559 92.63
35.0 11.12 0.256 | 3.46 6.04 1.390 91.89 6.85 1.563 92.55
40.0 12.29 0.286 | 3.46 5.60 1.317 90.22 6.87 1.568 92.66

Tt,in Pt,in

(°C) | (MPa) PR n (%) PR n (%)

Maximum discrepancy 18% 0.241 2.45 0.7% 0.01 0.12
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Table 11 shows that a given couple of corrected speed and corrected mass flowrate following
the 1G approach does not result in the same pressure ratio and corrected enthalpy rise at different
inlet temperatures and pressures. The discrepancy in the efficiency is less pronounced. However,
since the outlet pressure predicted by the performance maps encounters a significant error, any
accurate prediction in the efficiency becomes useless. Taking into account the compressibility
factor, the |GZ approach provides better consistency for the corrected enthalpy rise and pressure
ratio. Among the four case studies, the maximum discrepancy found on the enthalpy rise
parameter is less than 1% and that for the compressor outlet pressure (calculated through the
pressure ratio discrepancy and the inlet pressure) is below 0.12 MPa. This comparison suggests
that the IGZ approach can be reliably used to represent the similarity conditions as long as the
specific heat ratio is maintained constant.

3.1.2. Effects of the critical conditions

In order to examine the effects of this later, CFD simulations have been performed at several
inlet conditions which yield different heat specific ratios, as summarized in Table 12. Both IGZ and
BNI approaches provide very good consistency for the efficiency (maximum discrepancy of 0.32
point) and the corrected enthalpy rise (maximum discrepancy of 2.1%) with respect to the specific
heat ratio variation. Regarding the pressure ratio, that provided by IGZ approach now varies in a
such noticeably wide range that the maximum discrepancy in the outlet pressure can be up to 2
MPa. This latter is only 0.44 MPa for the BNI approach, showing a significant improvement
compared to the IGZ approach. Nevertheless, it is important to remind that the performance of the
compressor at a given state can be fully defined using two among three parameters: pressure
ratio, enthalpy rise, and efficiency. As such, the enthalpy rise and efficiency can be used to reliably
represent the similarity conditions within the variation of the specific heat ratio in the range
mentioned in Table 12.

Although the discrepancies of the corrected enthalpy rise and of the efficiency reported in
Table 12 still remains in a small range, larger errors could be expected with more significant
variation of the specific heat ratio. Note that this latter changes from a value close to unity in the
gas phase to very high values in the pseudocritical line, even approaches infinite in the vicinity of
the critical point. This issue has been considered through another comparison between the 1GZ
and BNI approach, as shown in Table 13. Face to a significant change of the specific heat ratio,
from 2.41 to 24.5, both approaches can no longer retain their consistent representation for the sc-
CO; compressor performance. Regarding the corrected enthalpy, the 1GZ approach encounters a
maximum error of 20% and is reduced to 12% for BNI approach, which is still out of a somewhat
accurate range. The efficiency discrepancy is now increased up to around 1 point for the 1GZ
approach and 2 points for the BNI approach. As such, the reliable prediction of these approaches
cannot be assured in the whole range of inlet conditions near the critical point.

Table 12: First performance comparison between the IGZ and BNI correction approaches at
the corrected mass flowrate and speed of 870 kg/s and 4500 rpm with respect to the reference
conditions of 40 °C and 9.60 MPa.

IGZ approach BNI approach

Ztin V4 AHc AHc

kdkg) | TR | ) g | PR ()

27.0 9.00 0.204 | 3.46 6.79 1.200 92.54 7.12 1.366 92.41

Tt,in Pt,in
(°C) (MPa)

30.0 9.00 0.211 3.87 6.81 1.224 92.41 7.08 1.373 92.20

35.0 9.60 0.237 | 4.42 6.83 1.259 92.42 7.05 1.384 92.19

40.0 9.60 0.274 | 6.75 6.93 1.412 92.22 6.93 1.412 92.25
Maximum discrepancy 21% 0.212 0.32 2.7% 0.046 0.22
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Table 13: Second performance comparison between the IGZ and BNI correction approaches
at the corrected mass flowrate and speed of 436 kg/s and 3087 rpm with respect to the
reference conditions of 34 °C and 7.86 MPa.

IGZ approach BNI approach

Tt in Pt in
of . Ztin Y AHc o AHc o

(°C) | (MPa) «ikg) | PR N | gkg | PR | 1)
34.0 6.00 0.642 2.41 4.00 1.016 91.17 3.71 1.141 90.13
27.0 9.00 0.204 3.46 3.19 1.018 91.77 3.55 1.144 91.57

35.0 8.05 0.303 | 245 3.27 1.135 92.14 3.28 1.171 92.22

Maximum discrepancy 20% 0.119 0.97 12% 0.030 2.09

While the corrected enthalpy rise and efficiency retained in the BNI approach lead to
significant errors, it can be noted that the pressure ratio from this approach present a certain
improvement. The error in terms of outlet pressure is however still large, around 0.3 MPa, and can
be expected to be more significant at higher considered pressure ratios. As such, the contribution
of the critical condition is not remarkable for the performance maps representation. In fact, the
critical conditions that are used to ensure the similarity conditions in the original work of Glassman
(1972), are somewhat unsuited for a flow of CO. near the critical point. Indeed, as underlined in
section 2.2.2, such a high critical velocity of fluid flow is seen to be discarded due to the significant
drops in the static temperature and pressure, likely leading to the appearance of the two phase
condition (cf. Fig 12). Besides, the use of the heat specific ratio to characterize the fluid during the
compression process appears to not be a sound physical choice; the isentropic exponent should
have been used instead. Indeed, the fact that this exponent reduces to the specific heat ratio for
the ideal gas case does not allow the substitution of the former by the latter in the most general
case of working fluid, in particular for sc-COg: in contrast to the large variation of the specific heat
ratio, the isentropic exponent, as can be seen in the following section, features much smoother
change in the region of interest.

3.2. Development of a sc-CO., compressor performance maps approach

Considering the highlighted limitations of the above approaches, there is a comprehensible
need in the development of an approach that is able to accommodate the real gas behavior of the
working fluid and thus can reliably be used for accurate representation and prediction of the sc-
CO; compressor performance. In the following, the key similarities in the turbomachinery problem
as well as several thermodynamic formulations for real gases are used to derive adequate
dimensionless parameters.

3.2.1. Derivation of the dimensionless parameters

In fluid mechanics, various dimensionless numbers which characterize different physical
phenomenon related to the flow can be derived on the basis of the scale analysis. For
compressible flows without heat transfer such as turbomachinery flows, the important ones that
should be retained in defining the similarity conditions are Reynolds, Euler, Mach and Eckert. Their
expression, interpretation and typical applications are recapitulated in Table 14. Among others, the
effects of the Reynolds number can usually be neglected for flows at sufficiently high Reynolds
number (Glassman, 1972).
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Table 14: Common dimensionless number in tuboachinery fluid flows.

Number Expression Interpretation Types of application
Reynolds | Re = @ inertial force All types of fluid mechanics
U viscous force problems

Euler Ey = P pressure force Flows in which pressure or

sz Inertial force pressure difference are of interest
Mach M= K flow speed Flows in which the compressibility

o speed of sound of the fluid is important

Eckert Fp = A enthalpy Flows in which the dissipation is

y? kinetic energy important

The general expression of the speed of sound reads:
a=n,ZRT (Eq. 3)

in which ng denotes the isentropic volume exponent, which characterize the isentropic
compression of a real gas as follows:

Py’

=cte (Eq. 4)

N

This exponent can be linked to the specific heat ratio as follows (Lidtke, 2004):

v ( OP
__ Eq.5
s P(@\JT (Ea-%)

For an ideal gas case, P = rT /v, the above equation reduces to:
Hence, the exponent ns is a generalized factor that should be used instead of the specific heat
ratio to describe the isentropic process of real gases. For sc-CO,, the variation of the exponent ng

in the region near the critical point is illustrated in Fig 3-1. In contrast to the specific heat ratio, the
isentropic exponent features no dramatic change in the pseudocritical region.
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Fig 3-1: Contour of isentropic volume exponent in the T-s diagram, together with different
isobaric lines.

The Euler number could be linked to the Mach number, using the equation of state, as follows:

/LT
Eu= P2=”ZZT=”SF2= 12 (Eq.7)
pve pV ny n M

Since the Euler number can be related to the Mach number through the isentropic exponent,
these latter can be used as an alternative key similarity. As such, the following sets of key
similarities should be considered to ensure the similarity conditions: Mach and Eckert numbers,
together with the isentropic exponent n,.

The dimensionless mass flowrate and dimensionless speed parameters can be derived on the
basis of Mach number as follows:

ng—1

_ mangrZ,T, _ M[l s —lng_z(ns—l)

m —_ Eq. 8
ad nsf)t ( q )
-1/2
N ng —1 2}
N = =k M|1+=—M (Eq. 9)
ad N Z, T, ( 2

in which k,, = N/V is a factor that ensure the similarity of the peripheral speed and k,M can be
interpreted elsewhere as the machine Mach number.

For low speed flows, typically M < 0.3, and thus M? «< 1, the above formulations can be
approximated as follows:

m ~M (Eq. 10) N, ~ kM (Eq. 11)

v

Note that these parameters do not allow taking into account the similarity of the isentropic
exponent and the Eckert number. This latter, nevertheless, should be required to assure the
similarity of the dimensionless enthalpy rise:

-1
__AH, :EkM2(1+nST_1M2j (Eq. 12)
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3.2.2. Preliminary qualification

In order to qualify this approach, CFD simulations have been carried out at several inlet
conditions ranging from the liquid to supercritical phase and featuring large change in the
isentropic exponent (marked from c1 to c7 in Fig 2). The mass flowrate and shaft speed have been
chosen to yield the same corrected mass flowrate of 1558 kg/s and corrected shaft speed of 6300
rom at the reference conditions of 27 °C and 8.4 MPa. Performance comparison at these inlet
conditions is reported in Fig 3 and Fig 4. It comes out that the corrected enthalpy rise and the
efficiency remain relatively constant with respect to the change of inlet conditions. This interestingly
suggests that the effect of the Eckert number on the compressor performance is negligible.
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Fig 2: Distribution of compressor inlet conditions used to qualify the performance maps
approach for the sc-CO, compressor.
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Fig 3: Corrected enthalpy rise (DHc) and efficiency (Eta) at the reference conditions of 27 °C
and 8.40 MPa.

Concerning the pressure ratio, strong variations are noticed and can be explained by the non-
inclusion of the isentropic exponent (plotted in Fig 4) as part of the key similarities in the derivation
of the dimensionless parameters. Even though the similarity of the pressure ratio is not assured, a
combination of the enthalpy rise and the efficiency is sufficient to calculate the compressor outlet
conditions, as previously mentioned. As such, the above dimensionless parameters provide
reliable prediction of the sc-CO, compressor performance.
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Nevertheless, using the set of enthalpy rise and efficiency is not as convenient as the
conventional set of pressure ratio and efficiency, especially for real gas case. It actually requires
the calculation of the temperature and pressure from the entropy and enthalpy. These latter are
known to vary non-linearly with respect to the change of temperature and pressure. Hence, an
iterative numerical procedure or a look-up table would have to be employed for the mentioned
purpose. On contrary, a consistent representation of the pressure ratio would allow for a similar
treatment of the sc-CO, compressor maps to what is currently available for ideal gas compressors
in system codes. An additional correction for the pressure ratio is therefore set as the objective of
the next subsection.
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Fig 4: Isentropic exponent (n,) and pressure ratio (PR) at the reference conditions of 27 °C
and 8.40 MPa.

3.2.3. Pressure ratio correction

Let's assume that the compression process within the compressor is characterized by a
pressure ratio I1, an efficiency n, and an isentropic exponentn,. The total enthalpy rise reads:

1,1

AH, =L T

- TN o] (Eq. 13)

in which the “bar” sign above the isentropic exponent implies that it is a variable of a process rather
than a property of the fluid at a specific state. However, only the inlet conditions are specified when
using the performance maps, and thus this process variable remains unknown. For the sake of
simplicity, let's assume that it could be replaced by the isentropic exponent of fluid at the
compressor inlet (ny).

Equation (7-32) can be normalized to formulate the corrected enthalpy rise as follow:

AH 1 1
= L —— m" —1 (Eq. 14)
ngZ/ I, nng—1

As the variation of the corrected enthalpy rise and efficiency is small at a given set of
dimensionless mass flowrate and speed, the following balance can be established between
reference and actual conditions (denoted by the subscripts ref and a, respectively):
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ng—1

ng—1

a

ref

(Eq. 15)

Finally, the corrected pressure ratio, i.e. pressure ratio at the reference condition, is a function
of the actual pressure ratio and the isentropic exponents at both actual and reference conditions.

Hc = f(l_Lns,a 7ns,ref)

Its explicit formulation is given as follow:

(Eq. 16)

(Eq. 17)

The dependence of the corrected pressure ratio on the actual isentropic exponent is plotted in
Fig 5 for some actual pressure ratio at the reference isentropic exponent of 11.7 (i.e. at 27 °C and
8.40 MPa). It comes out that, in the phase of generating the performance maps, smaller actual
isentropic exponent results in higher corrected pressure ratio. When using the performance maps,
an inlet condition featuring a smaller isentropic exponent will have lower pressure ratio compared

to the reference value.
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Fig 5: Dependence of the corrected pressure ratio on the isentropic exponent at various
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Applying this correction to the pressure ratios achieved in the previous CFD simulations, the
corrected pressure ratios are now very close to the one at the reference condition (case c2). The
maximum error found on the outlet pressure is below 0.03 MPa (cf. Table 15), indicating the

relevancy of the above correction formulation.

Table 15: Corrected pressure ratio from the previous CFD simulations cases.

Case c1 c2 c3 c4 c5 c6 c7
Ng 13.5 | 11.7 | 101 8.6 7.3 6.6 5.0
PR, 2.367 | 2.189 | 2.022 | 1.872 | 1.737 | 1.666 | 1.505
PR, 2190 | 2.189 | 2.186 | 2.186 | 2.184 | 2.185 | 2.184
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AP, (MPa) | -0.01 | 0.00 | 0.02 | 0.02 | 0.03 | 0.02 | 0.02

The next step is to examine the present approach at the inlet conditions that revealed the
limitations of the BNI approach, i.e. the ones that feature very large change in the specific heat
ratio (cf. Table 13). Maximum errors of 0.6% and 0.9 point have been found for the corrected
enthalpy rise and efficiency, respectively (c.f. Table 16). As such, a very good consistency has
been achieved on the performance parameters, indicating the improvement of this approach
compared to the BNI one.

Table 16: Performance comparison between the IGZ and BNI correction approaches at the
corrected mass flowrate and speed of 436 kg/s and 3087 rpm with respect to the reference
conditions of 34.0 °C and 7.86 MPa.

BNI approach Present approach
Tt in Pt in
of : Y Ns AHc AHc
(°C) (MPa) (kJ/kg) PR N (%) (kJ/kg) PRc n (%)

34.0 6.00 2.4 1.3 3.56 1.141 90.13 3.25 1.173 92.58
27.0 9.00 3.46 12.6 3.41 1.144 91.57 3.27 1.173 92.56
35.0 8.05 245 1.9 3.15 1.171 92.22 3.27 1.173 91.70

Maximum discrepancy 12% 0.030 2.09 0.6% 0.000 0.88

3.3. Performance maps approach qualification

The final task consists in extending the application of the above correction approach (cf. Eqs
8, 9, 12 and 17) to a wider range of inlet conditions as well as of mass flowrate and shaft speed.
An extensive number of simulations has been carried out for such a purpose. The inlet conditions
of temperature and pressure are recapitulated in Fig 6, showing a concentration in the subcritical
liquid and supercritical region. The plots of the corrected pressure ratio, corrected enthalpy rise
and efficiency are reported in Fig 7, Fig 8 and Fig 9, respectively. Each point shown in these plots
is constituted of 3 to 7 sets of inlet conditions; over 100 points have been used to establish these
charts. The consistency of the these performance parameters at various corrected speed and
mass flowrate regardless the change of the inlet conditions confirm the relevancy of this
performance maps approach for the sc-CO, compressor.
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4. Conclusions

CFD simulations have been performed on the small scale TiTech sc-CO; compressor and the
numerical results have been confronted with the experimental data. Measurement uncertainties
have been found to have strong implications on the reliability of the compressor performance so
that this latter could not be confronted with the simulation results. Nevertheless, a very good
agreement regarding the temperatures and pressures at the compressor inlet and outlet has been
achieved, promisingly suggesting the qualification of the CFD technique.

Moving onto a full scale compressor design, CFD simulations have disclosed the significant
decrease in the static temperature and static pressure in the local area of flow acceleration. This
fact indicates a high potential for appearing the two-phase condition inside the compressor. To
avoid such a concern, it is recommended that the compressor inlet conditions should be chosen at
the lowest temperature that can accommodate the heat sink temperature. In addition, the sc-CO»
compressor should also be sized at low inlet velocity and shaft speed, keeping the maximum
velocity of the flow nearby the impeller leading edge below a certain limit. In that context, the actual
impact of the two-phase flow appearance inside the sc-CO, compressor in terms of performance
and mechanical consequences on structure deserves deep analytical investigation, in particular
since it was reported in the literature that compressor operation in two phase flow yielded in fact no
dysfunctional behavior nearby the critical point.

A revision of some previous performance maps approaches has been carried out,
emphasizing their limits when applied to the sc-CO. compressor. An approach that can
accommodate the real gas behavior of the working fluid has been proposed on the basis of some
key dimensionless numbers of the turbomachinery problem. Using CFD results on a full scale
compressor, these 3 dimensional maps have been showed to be able to consistently represent and
reliably predict the sc-CO, compressor performance over a large operation range from the
subcritical liquid to supercritical phase. Such an approach is seen to ease the experimental
validation compared to a 4 dimensional approach, as well as to simplify the numerical treatment of
performance maps in a system code.
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